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The Use ofAxially Loaded Flexures for Vibration Isolation
In the OMEGA Laser Facility Target Positioner
Abstract: The OMEGA Laser Facility is used for laser driven inertial confinement
fusion research at the University ofRochester's Laboratory for Laser Energetics. This
facility requires 1 millimeter diameter spherical targets placed at the center of an
experimental chamber to remain stable to within 5 microns (0.0002"). Occasionally a
mounted target will exceed this stability specification due to ambient vibration, so an
isolation stage is proposed as a means of eliminating this problem. This isolation stage
consists of six parallel flexures that are axially loaded to reduce the resonant frequency of
the isolator. Frequency versus axial load, damping, and linearity are measured and
compared to results in the literature. Difficulties in achieving the required performance
are discussed, and a simplified isolator geometry is proposed.
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1. Introduction
The University ofRochester's Laboratory for Laser Energetics (UR/LLE)
operates the OMEGA Laser Facility for the U.S. Department of Energy (DOE) and
conducts research in laser-driven inertial confinement fusion. This laser facility can
irradiate a spherical target with over 30 kilojoules of energy in several nanoseconds at a
wavelength of 351 nanometers [1]. OMEGA is structured with 60 beams that irradiate
the target in a uniform, spherical geometry inside a 3 meter diameter experimental
chamber, which is maintained at a high vacuum. Each beam passes through a focusing
lens located outside the vacuum, followed by a vacuum window. This lens allows each
beam to be focused onto the target in a manner required for the particular series of
experiments being conducted. Generally, for spherical implosions, each beam is focused
such that it illuminates one-halfof the target. The resulting overlap of the 60 beams
provides the required uniformity of the drive illumination.
The geometry of this chamber resembles that of a soccer ball with experimental
diagnostic ports located on the faces of the 12 pentagons and the 20 hexagons that make
up the soccer ball and the 60 laser beams located at the common vertices of these
hexagons and pentagons. The pentagon ports are 1 8 inches in diameter, and the hexagon
ports are 24 inches in diameter. The chamber is oriented such that pentagon ports are at
the north and south poles and provide reference locations for all of the other ports in the
chamber. The symmetric nature of the laser beam ports can be seen in Figure 1-1, where
the pentagon port at the "north
pole"
of the chamber is in the center and the surrounding
hexagon ports are indicated. All 60 beam ports and 32 diagnostic ports were machined in
the chamber in one setup on a horizontal boring mill. This approach provides excellent
location accuracy of the ports [2].
Final turning mirror
Target positioner vacuum system
Note: Five final turning mirrors around the target positioner define
the vertexes of the pentagon.
Five hexagons surround the pentagon.
Figure 1-1: View fromAbove the OMEGA Target Chamber
Aljgnment of the laser system is referenced to the center of the target chamber
using two nearly orthogonal viewing systems which are permanently mounted to the
chamber. These viewing systems were aligned to a
"rocket,"
which is an alignment
fixture that mounts on the top diagnostic port and places a 2 millimeter diameter target at
the center of the chamber. The rocket was aligned using a large coordinate measuring
machine located at a local machine shop. During operation of the OMEGA system, an
alignment target will be inserted into the center of the target chamber and aligned to
reference fiducials in the two viewing systems. All 60 laser beams are then pointed at
this alignment target and focused to the center of the target to calibrate the "zero
focus"
position of the 60 focus lenses located on the chamber. The required focus position can
then be set for each beam. The alignment target is retracted from the chamber, and the
real target is inserted and aligned to the reference fiducials in the viewing systems.
The target is then irradiated with the laser to produce the implosion. This
implosion may be thought of as a spherical rocket where the laser beams heat the outer
surfaces of the target and cause it to vaporize and expand outward, i.e. to ablate, from the
target, thus providing an inward drive. The remainder of the target is compressed until
the appropriate density and temperature are achieved for fusion to occur in the fuel, which
is an equal mixture of tritium and deuterium. These fuse to form helium and release
energy and an energetic neutron [3,4]. The goal of the research is to release more energy
than is used to drive the implosion. This could potentially be a source of commercial
power production when the physics is understood and if the approach proves to be cost
effective.
1.1 Target Positioning System
The device that places the target at the center of the chamber is called the target
positioner. This device must provide three degrees of fine translation motion to align the
target at chamber center as well as a coarse motion to transport the target from outside the
chamber vacuum to the center of the chamber, a distance of 80 inches. This device
consists of the following subsystems: a guide tube assembly, transfer assembly, cable
assembly, fine-Z assembly, X and Y assembly, omega rotational axis, which is used for
non-spherical target experiments, and the associated servo controls.
The guide tube assembly provides the structural support for the target positioner
as well as the two cylindrical ways and drive rack for the insertion motion (see Figure 1 -
2). This structure is approximately 94 inches long and is designed to provide the required
stability of 5 microns ( 0.0002 inches) at the center of the target chamber [5]. The
guide tube also includes a vacuum gate valve, which isolates the upper portion of the
guide tube assembly from the chamber vacuum, (see Figure 1-3). This allows the portion
of the target positioner outside the chamber to be vented to air and opened to allow a new
target to be inserted, without venting the target chamber. The target positioner is then
evacuated to a high vacuum, the gate valve is opened, and the target is inserted to the
center of the chamber.
The transfer assembly provides the self-propelled motion to move the target from
outside the chamber to the chamber center (see Figure 1-4). It is constructed with ball
bearing rollers that run on the cylindrical ways of the guide tube. On one side of the
transfer body the rollers form threeVs (see Figure 1-4). The opposite side of the transfer
body has fixed lower rollers to take the spring preload on the drive gears and spring-
loaded upper and side rollers to prevent binding during the translation in the guide tube
(see Figure 1-5). Three sets of rollers on each side allow the transfer body
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Figure 1-3: SideView of the Target Positioner Guide Tube
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Figure 1-5: Close-up of the Target Positioner TransferAssembly
to bridge the gaps in the ways between sections of the guide tube and at the gate valve.
The drive motion is provided by a small gear motor driving two drive gears through a
worm gear reducer, (see Figure 1-4). The two drive gears are separated by a distance that
allows the unit to bridge the gap at the gate valve.
The cable assembly consists of two ribbon cables, a tensioning pulley, an interface
printed circuit board mounted to the transfer body (see Figure 1-5), and two electrical
vacuum feedthroughs mounted in the guide tube (see Figure 1-3). This assembly
provides power to the gear motors used for each of the alignment motions in the target
positioner. It also provides encoder and limit switch feedback to the controller, which is
located remote from the target positioner.
The fine-Z and X and Y motions provide the final alignment of the target at
chamber center. These motions must have resolutions of less than one micron (0.00004
inches) and a range of+/- 1 inch, (see Figure 1-6). The fine-Z motion is supplied by a
lead screw driving three cylindrical pads that run on the inside of a cylindrical housing.
The X and Y motions are provided by a two-axis gimbal attached to the end of the fine-Z
motion. This gimbal is also driven by lead screws (see Figure 1-7).
An additional degree of freedom is added with the omega axis that provides
rotation about the axis of the target positioner, (see Figure 1-4). This is used to position a
variety ofnonspherical targets used for experiments
on the OMEGA Facility. This
motion is directly coupled to a small gear motor through a drive shaft. The holder for the
target mount is attached to the end of this drive shaft (see Figure 1-8). The target mount
shown is a test target and does not represent a fusion target. Plasma shields on the omega
axis provide line-of-sight shielding from radiation, hot plasma, and target debris
generated during the experiment.




Figure 1-6: Target Positioner Fine-Z Slide and X,Y Gimbals
Y gimbal X gimbal
Omega
axis
Figure 1-7: Close-up of the Target Positioner X,Y Gimbals
Target mount Target holder Plasma shields
Target





Figure 1-9: Target Mount for a Fusion Target
A target mount consists of a base with a ceramic bead glued to the top to provide
some shielding from the target-reaction products. The main support member is a tripod
of three boron fibers 140 microns (0.0055 inches) in diameter and 2.5 inches long. This
supports a carbon fiber that in turn supports the target capsule, which is a plastic
microballoon filled with gaseous deuterium and tritium (DT) (see Figure 1-9). The lateral
stiffness of the carbon fiber is low, and this portion of the target mount typically has a
lateral natural frequency in the range of 50 to 70 Hertz depending on the diameter and
length of the carbon fiber and the size and mass of the target.
1.2 Statement of the Problem
The OMEGA target positioner has been in use at UR/LLE for approximately two
years. The main source of vibration on the target chamber is the two vacuum pumps
(main and second) used to maintain the chamber at high vacuum
(lxlO"6
torr). The two
pumps are cryogenic The main pump is used continuously while the second
pump is used occasionally to supplement the main pump or during maintenance on the
main pump. Occasionally a target will exhibit excessive vibration when it is positioned at
the center of the chamber; this vibration is often linked to the operation of the second
cryopump. Recent measurements on the bottom flange of the target chamber have shown
an increased level ofvibration in the region of 150 Hertz, when this second cryopump is
operational [6]. The vibration of the target appears to be due to the target mount rather
than the target positioner, although full characterization of the modal structure of the
target positioner is beyond the scope of this current work.
Model Onboard 10 from Cryogenic Technologies, Inc., Waltham, MA
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Successful implosions require a very high degree of spherical symmetry in the
target and the support. The attachment to the capsule must have minimal mass, and yet it
must be robust enough to survive the handling required during fabrication and loading
into the target positioner. The desire to decrease the perturbation in the implosion created
by the mount has forced UR/LLE to attempt to use carbon fibers that are less than 1
micron in diameter at the point where they are glued to the capsule and to also minimize
the amount of glue used to attach the fibers to the capsule. The target mount must also
present minimal obscuration to the 60 laser beams. Typically these target mounts have
first-order lateral modes between 50 and 70 Hertz [7]. Targets with natural frequencies in
this range have shown occasional problems with lateral vibration ofup to 200 microns ,
(0.008 inches), and this thesis is directed at finding a solution to this problem. The
requirements for a vibration isolation stage, which addresses this problem, will be




A vibration isolator for the OMEGA target positioner must meet several design
requirements (1) provide adequate attenuation of the ambient vibration, (2) be compatible
with the high vacuum environment of the target chamber, and (3) fit within the space
envelope between the X-Y gimbals and the omega axis of the target positioner (see
Figure 1-4). To understand the attenuation requirement, a sample target that experienced
excessive vibration in the target chamber was characterized [7]. It had approximately 200
microns (0.008 inches) of lateral vibration and a natural frequency of 65 Hertz. A one-
degree-of-freedom (1DOF), undamped system (see Figure 2-1) will provide an estimate
of the requirements for an isolator that will reduce the target oscillation of200 microns to
the required 5 microns, i.e., provide attenuation of at least 0.025. If the 1DOF, undamped












where cois the frequency of the excitation at the base and con is the frequency of the





Figure 2-1: Undamped, Single Degree-of-Freedom Vibration Isolator
and one can see that the isolation at a given frequency co is dependent on how small the
stiffness of the isolator can be made in the direction of interest. The transmissibility
magnitude is plotted in Figure 2-2, and shows that the frequency ratio must be
approximately 6.5 for an attenuation of 0.025. For the sample target, with a natural
frequency of 65 Hertz, the isolator will need a resonant frequency of 10 Hertz to achieve
this performance. The mass supported by the isolator is equal to the mass of the omega
axis (0.36 pounds), so the lateral stiffness of the isolator must be low enough to achieve
the 10 Hertz resonant frequency when supporting this mass. Damping will decrease the
attenuation (discussed in Section 3.2).
2.2 Approaches
There are many techniques for producing "soft
springs"
for low-frequency
isolators. Precision optical devices are often supported on passive air spring systems
13
such as those sold by Newport Corporation*,
TMC*
or Kinetic Systems8. These systems
rely on various proprietary techniques for providing damping in the isolator, but






Figure 2-2: Undamped, 1DOF TransmissibilityMagnitude
vacuum environment. Many companies produce elastomeric isolators, but in general
these isolators are not compatible with the high-vacuum environment because of
excessive outgassing from the use of adhesives or foam materials. Multiple-stage
elastomeric isolators have been used for gravitational wave detectors [8] and scanning
tunneling microscopes [9]; however these are not evaluated for this application because
of the basic material issues discussed above. Active vibration isolation has been
f
Newport Corporation, 1791 Deere Ave,. Irvine, CA 92714
f Technical Manufacturing Corporation, 15 Centennial Dr., Peabody, MA 01960
s Kinetic Systems, Inc., 18E Arboretum Road, Boston, MA 02131
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commercially available for a number of years [10] but is generally too expensive for this
application. NASA has studied techniques to produce zero-g conditions on earth to test




mechanism. Woodard and Housner [12] studied the nonlinearity of
this system. Platus [13] discusses a variation of the zero stiffness mechanism which he
names "Negative-Stiffness
Mechanism."
This concept is based on the lateral vibration of
a beam that is axially compressed near or, in some cases, beyond the buckling limit.
Platus expanded the understanding of these devices [14,15,16,17] and they have now
been referenced in the commercial literature [18]. These negative-stiffness mechanisms
have the potential to be very compact as well as compatible with a high-vacuum
environment, so they were chosen as the basis of this study to determine if they could
provide the degree of attenuation required for the OMEGA target positioner.
2.3 Concept
The vibration isolator for the OMEGA target positioner must provide lateral
isolation. This can be conceptually provided with compressed beams, in the manner of
Platus [13-17] as shown in Figure 2-3. The isolator frame is supported from the current
X-Y stage on the target positioner. This frame supports three beams that can be loaded in
compression with the screws shown. The omega axis is supported from the center of
these three beams through openings in the frame. The lateral stiffness of the beams will
decrease as the axial compressive force is increased, and the frequency of the isolator can,
in concept, be reduced below 10 Hertz. This effect is discussed in Section 3.1 . If the
isolator were operated below 1 0 Hertz it would provide an attenuation of approximately




















Figure 2-3: Compressed Beam Isolator Concept for the OMEGA Target
Positioner
2.4 Fixture 1
The design of fixture 1 is similar to the concept shown in Figure 2-3, and it is
sized to fit in the space envelope available in the target positioner (see Figure 2-4 for a
schematic of this fixture). The suspended weight approximates the weight of the omega
axis in the target positioner (0.36 pounds), and the diameter of the frame will fit in the
space available in the target positioner. The weight is suspended on three beams that are
fixed at the ends by the frame. Each of the beams acts as two parallel flexures, one upper
and one lower (see Figure 2-5). The push block and spring provide the axial loading to
16
the three beams, and the frame supports both ends of the flexures with fixed boundary
conditions, as shown in Figure 2-5. The joint between the weight and the beams is a


















Figure 2-4: Fixture 1 Schematic
force can be adjusted from zero to 240 pounds by means of the nut.
The beams are cylindrical for the initial measurements, which are discussed in
Section 4. 1 . This leads to multiple modes with approximately the same frequency, which
makes the measurements difficult, although it is the type ofbehavior the final isolator
should have to provide isolation in all lateral directions. An attempt was made to use
rectangular-cross-section flexures to separate the mode frequencies and create a 1DOF
17
system. These rectangular flexures were produced by machining flat areas on both sides














Figure 2-5: Fixture 1 Flexure Boundary Conditions
The relatively small suspended mass in fixture 1 required the use of a small
accelerometer in order that the accelerometer mass not increase the total suspended mass
beyond the mass of the omega axis. A Model 303A02 accelerometer from PCB
Corporation, which has a mass of 2.3 grams (0.005 pounds) and a sensitivity of 0.010
V/g, was available at LLE for this application. However, this led to poor signal-to-noise
levels in the measurements because the small accelerometer has low sensitivity. (See the
18
discussion of the proof-of-principle measurements in Section 4. 1
.)
The frame
accelerometer is a PCB Corporation, Model 338A35, which has a mass of 25 grams
(0.055 pounds) and a sensitivity of 0.10 V/g.
Additionally, the flexures are attached to the weight in a guided boundary
condition manner, which means that any misalignment of the weight and the top and
bottom supports of the flexures will lead to a moment or lateral displacement being added
to the flexure, resulting in premature buckling of the flexures as the axial load is
increased. This prevents the fixture from operating at the very low frequencies ( 10
Hertz) required for good isolation at forcing frequencies above 60 Hertz. Fixture 2 is
designed to minimize these issues of alignment and accelerometer sensitivity.
2.5 Fixture 2
To improve the signal-to-noise ratio of the data, Model 393A03 accelerometers
from PCB Corporation with a mass of 210 grams (0.463 pounds) and a sensitivity of 1.0
V/g are incorporated into the fixture design. The size of the suspended weight is
increased to two pounds to accommodate the larger accelerometer. The three beams are
moved outside the frame and a bridging member is added to support the frame
accelerometer and provide the attachment point for the shaker. The push plate, spring,
adjusting nut, and suspension are similar to the first fixture. (Figure 2-6 is a illustration
ofFixture 2.)
The suspended weight is statically balanced about the vertical axis of symmetry to
ensure there are no unequal loads on the flexures. This is accomplished by adding brass




















Figure 2-6: Fixture 2 Schematic
balanced about the plane of the weight support arms to ensure the input force from the
shaker is coupled through the flexures to the center of gravity (CG) of the suspended
weight. This balancing is accomplished by altering the length of the weight.
The entire fixture is statically balanced about the vertical axis to allow it to hang
properly from the suspension, which consists of two pieces of elastic cord approximately
10 inches long when they are loaded. The two cords are separated by approximately 4
inches by a spreader bar on top of the push-plate/spring assembly. The balancing of the
fixture about the vertical axis is accomplished by adding two additional bridging
members located at
120
from the member where the shaker is attached. Masses on these
additional members allow the unit to be balanced. The shaker attachment point can be
adjusted vertically to ensure the input force is through the CG of the fixture. The fixture






















Figure 2-7: Fixture 2 Beam Joint
The three beams are designed to provide a connection to the weight support arms
that does not over-constrain the beams and create moments or displacements in the
beams. This connection constrains each beam in only two degrees of freedom. The three
connections thus provide only six degrees of constraint, and the suspended weight and
beams are not over-constrained, i.e. the design is kinematic. This is accomplished by
having V grooves in the weight support arms that are aligned in a radial direction from
the center of the weight. The beams have spherical surfaces that mate to the V grooves
with two-point contact. A means is provided to clamp the weight support arms to the
beams once assembly is complete. Figure 2-7 is an illustration of the interface between
the suspended weight and the beams.
Each beam contains an upper flexure and a lower flexure. Both flexures have the
axial load provided by the push-plate/spring assembly. Each bottom flexure has the
additional axial load of the suspended weight. The bottom end of the beam is a conical
cavity that sits on a ceramic ball, which is constrained in a conical cavity in the frame.
The opening in the frame is slightly larger than the diameter of the beam due to
manufacturing tolerances, so the beam slope can change as the suspended weight
21
translates; thus this looks like a pinned condition rather than a fixed condition. The top
end of the beam also has a conical cavity containing a ceramic ball that contacts the push
plate. The tight fit of the hole to the beam in the frame top plate is such that the beam is a
slip fit. This approximates a fixed boundary condition while allowing the axial
compressive force to load both flexures. This design provides three lower flexures that
have guided/pinned boundary conditions and three upper flexures that have fixed/guided
boundary conditions.
These flexures may be cylindrical in cross section, ormachined flats can be added
to provide rectangular cross-section flexures for creating a 1DOF system by increasing




Several approaches are used to understand the lateral vibration of an axially
loaded beam. First, the free, undamped vibration of a continuous beam is modeled to
understand the basic scaling of the decrease in lateral frequency as the axial load is
increased. This is followed by the development of the theory for damped, forced
vibration of a single degree of freedom (1DOF) with both viscous and hysteretic
damping. To fully model the isolator, the stiffness of an axially loaded, cantilevered
beam is developed in terms of the geometry of the flexure and the boundary conditions.
A 2DOF-undamped model is developed to understand what modal frequencies will be
present when the apparatus is tested experimentally.
3.1 Free Vibration of a Continuous Beam with Axial Loading
The vibration theory of continuous systems is treated in many vibration texts
[19,20]. This theory leads to the following formulation of the problem of free vibration
of a uniform beam with an axial load P [19] (see Figure 3-1).
For vertical motion the sum of the forces is
-{V + dx) + V + (P + dx)sm\ 0 +
-^dx\-Psin <p
= pAdx^-, (3.1)
ex 3c \ 3c J df
and for rotation about point O the sum of the moments is
(M + dx)-(V +
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Figure 3-1: Continuous Beam with Axial Load
Combining equations (3.1), (3.2) and (3.3) and utilizing mechanics ofmaterials







Using the method of the separation of variables, the solution of equation (3.4) is
y(x,t)
= Y(x)[Asin(cot) + Bcos(cotj\ . (3.5)
24




If Y(x) is assumed to be
Y{x) = Ce>\ (3.7)

























If cois real, S2 is imaginary and the general solution has sin and cos terms. The real value












and the general solution can be expressed as
y(x)
= C, cosh^x) + C2 sinh^x) + C, cos(s2x) + C4 sin(s2x), (3.12)
where the real value of S2 is used, and the coefficients (Cj
- C4) need to be determined
from the boundary conditions.
Ifboth ends are fixed, the boundary conditions (BC) will be
y(0)
= 0 (3.13)




^(I) = 0 (3.16)
3c
Applying BC 1 [Equation (3.13)] yields
j,(0)
= 0 = C, cosh(s, 0) + C2 sinh(s, 0) + C3 cos(s2 0)
+ C4 sin(s2 0),
which gives
C3=-Cr (3-17)










Substituting Equations (3.17) and (3.18) into the original Equation (3.12) and
simplifying, leads to
y(x)
= [cosh(s,x) - cos(52x)]C, +
Differentiation yields
sinh(5,x) Lsin(s2x) Q. (3.19)
ft
3c
(x) = [sinh(5,x)5, +sin(52x)52]C1 + [cosh^x).?, - s\ cos(s2x)]C2.
Applying BC 3 [Equation (3.15)] gives
y(L)
= 0 = [cosh(5,Z) - cos(52Z)]C, + sinh(.s,Z) Lsin(.s2Z,)
s-,
C,
and applying BC 4 [Equation (3.16) ] yields
(L) = 0 = [sinh(5,Z-)5, +sin(52Z)52]C, +[cosh(5,Z,)5, -cos(s2Z,)s,]C2.






























The definition of a guided end is one that allows translation without rotation [BC 3
Equation (3.24) ] or shear [BC 4 Equation (3.25) ]. This problem is solved in the same







These solutions may be solved numerically for the roots, i.e. the eigenvalues, using
Mathcad**. The properties for a uniform, cylindrical beam must be defined and
Equations (3.21) and (3.26) solved for the first root for each axial load case. For this
example a 0.06 inch diameter, stainless steel beam of 2 inch length is assumed, based on
the space available for Fixture 1 . A plot of the solution for fixed/fixed boundary
conditions is shown in Figure 3-2. The solution for fixed/guided boundary conditions is
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Figure 3-2: Lateral Frequency ofContinuous Beam as a Function
ofAxial Load for Fixed/Fixed BC
A beam in compression will buckle if the axial load exceeds a value known as the
critical load, where this value is dependent upon the boundary conditions of the beam
[21 ,24]. For a fixed/fixed beam the critical load is given by
Mathcad
is a product ofMathSoft Inc., Cambridge, MA.
29
Pcr(fixedl fixed) =^, (3.27)
which yields a value of 207 pounds for the assumed properties of the beam. This is
shown in Figure 3-2 as the lateral frequency going to zero as the beam approaches the
critical or buckling load. For a fixed/guided beam, the critical load is given by
7T4
FJ
Pcr(fixed I guided) = , (3 .28)
which yields a value of 52 pounds for the assumed beam properties; this is shown in
Figure 3-3 as the lateral frequency going to zero as the critical or buckling load is
approached. Clearly, one could operate with the transverse frequency of a beam very
near zero if the beam were stressed very near the critical or buckling axial load. An
attempt was made to experimentally test this simple theory; however, it is difficult to
verify because the addition of an accelerometer to a simple beam introduces a moment on
the beam that produces a lateral deflection as an axial load is applied. This causes the
beam to deflect as the axial load is increased, and the effect ofdecreased lateral frequency
is not seen. A lumped parameter approach to the isolator problem is now used to define

























Figure 3-3: Lateral Frequency of a Continuous Beam as a Function
ofAxial Load for Fixed/Guided BC
3.2 Theory of Isolation: Single Degree of Freedom System
For this study, a single degree of freedom (1DOF) system with forced harmonic
input is used to model the vibration isolator for use in the OMEGA target positioner. In
practice, the isolator should provide isolation in the two lateral directions; however the
use of a 1DOF system simplifies the measurement and analysis for the purpose of
understanding the design and operation of a compressed beam isolator. The type of
damping assumed in the model affects the amount of isolation provided. Viscous and
structural or hysteretic damping are compared.
3.2.1 Viscous Damping
The theory of
single-degree-of-freedom vibration isolation with viscous damping
is treated in many texts on vibration [19-22] (refer to Figure 3-4). The mass m is
supported from the base with a spring of stiffness k and a damper with viscous coefficient
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The equation ofmotion will be
mx + cx + kx = kYsm(cot) + ca>Ycos[cot) . (3.30)




























Figure 3-4: 1DOF, Viscously Damped Isolator
These equations can be numerically solved and plotted, usingMathcad, for a range of










Figure 3-5: TransmissibilityMagnitude for 1DOF Viscously Damped Isolator
3.2.2 Hysteretic Damping
The same 1DOF problem can be solved using hysteretic damping, by substituting
the equivalent viscous damping h/co [19-23], where h is the hysteretic damping
coefficient (see Figure 3-6). The governing equation ofmotion will be
h h




Figure 3-6: 1DOF, Hysteretic Damped Isolator
Using the frequency ratio r and the hysteretic damping constant ft defined by
R-W













The magnitude of the transmissibility is plotted in Figure 3-7 for hysteretic damping.
00 r
Hysteretic Damping



































Figure 3-7: Transmissibility Magnitude for 1DOF, Hysteretic Damped Isolator
A comparison of transmissibility magnitude for viscous and hysteretic damping
can be seen in Figure 3-8. They are similar at very low damping, however the isolation is
significantly higher at large damping for the hysteretic damping. The
variation in
isolation as the amount ofdamping varies is much smaller for hysteretic damping. For a
transmissibility of 0.025, which is the requirement
for the OMEGA target positioner
isolator, the required frequency ratio is a weak function of the
hysteretic damping
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Figure 3-8: Comparison ofTransmissibility Magnitude for Viscous and
Hysteretic Damping
constant, as shown in Table 3-1. Thus, the amount of damping will not significantly
affect the transmissibility of the isolator although it will have a strong effect on the value
of the resonant peak.
Table 3-1: Variation of Frequency Ratio with Increasing Hysteretic Damping for a









To utilize the equations for the 1DOF system the stiffness of the system must be
understood in terms of the geometry of the structure. Fixtures 1 and 2 consist of a weight
suspended from six flexures (three upper and three lower) acting in parallel, i.e., each
flexure sees the same displacement at the suspended weight. Each flexure is either a
cylindrical or rectangular cross section. The boundary condition for all of the flexures at
the suspended weight is guided (no slope or shear) for both fixtures. Fixture 1 has fixed
boundary conditions at the other end of all six flexures (see Figure 2-5). Fixture 2 has
fixed boundary conditions on the upper flexures and pinned boundary conditions on the
lower flexures, as discussed in Section 2.5 (see Figure 2-7). To summarize, all six
flexures in fixture 1 and the three upper flexures in fixture 2 have fixed/guided BC, and
the three lower flexures in fixture 2 have pinned/guided BC. To calculate the stiffness of
the beam, the displacement for a unit lateral load is required. Roark [24] provides the
deflection of a pinned/guided beam with a compressive axial load and a lateral load at the
free end of the beam:
-W
y
= (tan kL-kL), (3.39)
kPy
where W is the lateral load at the free end, P is the compressive load and L is the length of
the beam. The parameter k is defined as
k =J , (3-40)
\EI
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where E is the material elastic modulus and / is the rotational moment of inertia of the





Roark [24] also has the displacement for the case of a fixed/guided beam, which yields






The total stiffness of the six parallel flexures will be the sum of the individual
flexure stiffnesses.
Rectangular-cross-section flexures are used to create a frequency difference
between the two orthogonal lateral modes by having different cross-section moments of
inertia in the two orthogonal directions. This allows the system to be modeled as a 1DOF
system by limiting the number ofmodes near resonance to just the lowest lateral mode
even if the shaker provides some excitation to the orthogonal mode. As an example, the






where ktoiai is the effective stiffness of the six flexures and m is the mass of the
suspended weight (for fixture 2 this is approximately 2 pounds). In Figure 3-9, the
resulting lateral frequency for rectangular aluminum flexures is shown for the two
orthogonal directions. The six flexures consist of four rectangular-section flexures (0.053
inches thick, 0.125 inches wide, and 1.437 inches long) and two cylindrical section
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Figure 3-9: Lateral Frequency ofRectangular and Cylindrical Flexures
rectangular and cylindrical flexures is the geometry used for measurements on fixture 2.
(See Section 4.2 for the analysis of these measurements.) The boundary conditions for
this example are fixed/guided for the upper flexures and fixed/pinned for the lower
flexures (as discussed in Section 2.5). At 90 pounds of axial force the low-lateral-
frequency mode in the thin (thickness) direction of the rectangular flexure will be around
40 Hertz, while in the orthogonal direction, the higher frequency mode is over 70 Hertz,
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so good frequency separation of these lateral modes is achieved. At approximately 138
pounds of axial load this system will approach zero frequency, i.e., zero lateral stiffness
in the thickness direction. The orthogonal direction (width) of this arrangement
maintains significant stiffness at this axial load, so this configuration will have good
1DOF performance in the vicinity of the resonance peak, and Equation (3.37) can be used
to curve fit the measured transmissibility magnitude data.
This arrangement of rectangular flexures and cylindrical flexures illustrates
another feature of compressed beam isolators, which is the use of negative stiffness as
discussed by Platus [13-17]. The lateral stiffness of the four rectangular flexures in the
thin (thickness) direction is significantly lower than the lateral stiffness of the two
cylindrical flexures in the same direction. This effect is shown in Figure 3-10, where the
lateral stiffness of the flexures is plotted as a function of axial loading. The stiffness of
Figure 3-10: Negative Stiffness
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the rectangular flexures goes to zero at 50 pounds of axial load. Beyond this axial load,
these flexures add negative stiffness to the total stiffness of the system. The connection
of the flexures to the suspended weight prevents the rectangular flexures from buckling as
the stiffness goes negative. At approximately 138 pounds of axial load, the total stiffness
approaches zero because the negative stiffness of the rectangular flexures is the same
value as the positive stiffness of the cylindrical flexures.
3.4 Two-Degree-of-Freedom Undamped System
Fixture 2 consists of a frame that supports a weight from six flexures. The frame
supports the ends of the flexures and provides ameans for applying an axial
compressive load. The entire fixture is suspended from elastic cords during testing, so it
actually represents a 2DOF system, which is
shown schematically in Figure 3-11.
The natural frequencies of this system can be estimated for the free-vibration case
with no damping. Ifx; denotes the motion of the
frame and X2 denotes the motion of the



















Figure 3-11: 2DOF System
If harmonic solutions are assumed and substituted into Equation (3.44), the determinant






















Equation (3.46) will be used to calculate the expected modal frequencies of the test
fixture. The lateral stiffness, k\ (pendulum motion) of the elastic cords, which support







where L is the length of the cords (10 inches) and g is the acceleration due to gravity.
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4. Measurement and Analysis
4.1 Proof-of-Principle Testing with Fixture 1
The initial measurements for each fixture were done using a personal
computer (PC)-based instrument that uses
LabVIEW
acquisition and analysis software
and data acquisition hardware from National Instruments". This instrument has limited
flexibility in that it does not provide adequate triggering flexibility for impact testing nor
does it support driving a shaker. Thus, it is used only for proof-of-principle tests where
the peak frequency of the spectrum of the accelerometer on the suspended mass is
measured using an uninstrumented impact. This natural frequency of the fixture can be
compared to the calculated 1 DOF frequency of an undamped system because the resonant
frequency of a structurally damped system is equal to the natural frequency of the
undamped system [19,22].
Fixture 1 (see Section 2.4) was initially configured with six cylindrical flexures of
0.062 inch diameter for the proof-of-principle measurements, which involved measuring
the change in peak frequency of the suspended mass spectrum versus the axial load on the
flexures. The axial force spring has a stiffness of 120 pounds/inch and a total
compression of 2 inches for a total force of 240 pounds or a maximum axial load on each
LabVIEW
is a product ofNational Instruments Corporation, Austin, Tx 78730
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flexure of 80 pounds. The adjustment screw is a V2 - 20 thread, so the individual flexure
axial load is increased 2 pounds per turn of the adjusting nut.
The first flexures used have a length of 1 .25 inches. Equation (3.42) was used to
define the stiffness of each of the six flexures, assuming fixed/guided boundary
conditions. The three bottom flexures have an additional axial force due to the weight of
the suspended mass. The total stiffness of the six flexures is the sum of the individual
flexure stiffnesses because the flexures are connected in parallel. The undamped-natural
frequency of the mass and flexures is calculated using Equation (3.43).
Figure 4-1 shows the theoretical- 1DOF curves of the peak frequency versus axial
load for the first flexures, which are 1 .25 inches long, as well as the measured data for
these flexures. The fixture appears to have an effective length for the flexures that is
longer than the design length. This is due to the boundary condition not being an exact
fixed condition at the frame because the aluminum frame material cannot support the
very high local stress due to the bending in the flexure. The frame yields slightly around
the flexure, and this appears as a longer effective length for the flexure, i.e., the fixed
condition occurs approximately one flexure diameter into the frame. Adding 0.06 inch at
each end of the flexures appears to match the data quite well, as is shown by the
theoretical curve for the 1 .375-inch flexures in Figure 4-1 .
The first set of flexures had a buckling load above what could be produced by the
loading spring, so fixture 1 was modified to provide flexures with a design length of 1.50
inches. The peak frequency is measured and compared to the theoretical curve for 1
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Initial Fixture Stainless Steel Flexures
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Figure 4-1: Fixture 1 Peak Frequency versus Axial Load Measurements
inch flexures because it is assumed the effective length would be the same 0.12 inches
longer than the design length as established with the first measurements (see Figure 4-1) .
Both sets of spectra exhibit multiple peaks as the axial load is increased. This is
eliminated from Figure 4-1 by plotting only the frequency of the lowest peak. The
multiple modes may be explained by the fact that the cylindrical flexures allow many
lateral modes with frequencies near the primary translation mode of interest.
The decrease in the 1 .25 inch flexure peak frequency data as the axial load goes to
zero is due to the boundary condition relaxing from the fixed condition to more of a
pinned boundary condition by allowing a small rotation at the end of the flexure. This is
47
not of significance because the proposed isolation device will always have axial load on
the flexures.
The 1.50-inch flexures collapsed above 66 pound axial load, although that is
below the anticipated buckling load of 78 pounds. This is probably due to an inherent
misalignment between the upper and lower frame supports for the flexures and the flexure
openings in the suspended weight. The flexures are secured to the weight in a fixed
manner that will impart a small moment to the end of each flexure if the axis of the hole
in the weight is slightly misaligned from the axis of the flexure holes in the frame. Also,
the alignment between the upper and lower plates on the frame is not maintained during
disassembly and reassembly of the frame. These effects will lead to a measured buckling
load below the theoretical buckling load.
Fixture 1
,
with rectangular-section flexures, was set up with a shaker input at
Rochester Institute ofTechnology (RIT), and the transmissibility was measured (see
Figure 4-2). This shows the poor signal-to-noise ratio of the measurement when the low-
mass, low-sensitivity accelerometers are used. As expected from the theoretical model of
a 1DOF system (see Figure 3-7), the transmissibility goes to 1 as the frequency
approaches 6 Hertz and it also goes to 1 at a frequency ratio of approximately V2 . This
fixture did not exhibit decreasing frequency with an increase in the axial load on the
flexures because the flexures were slightly bowed from the machining operation used to
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Figure 4-2: Fixture 1 Transmissibility Magnitude Measurement
The data from the first test fixture highlight several problems which are addressed
in the design of the second fixture:
Maintain alignment between the top and bottom of the frame during
repeated assembly and disassembly operations.
Minimize generation ofmoments or translations in the flexures due to the
coupling to the suspended mass.
Use rectangular section flexures to provide separation of the lateral and
rotational modes to allow measurement and analysis of a single mode.
Improve the signal-to-noise ratio of the measurements.
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4.2 Peak Frequency versus Loading with Fixture 2
The final test fixture was assembled with two rectangular flexures and one
cylindrical flexure (as discussed in Section 3.3). All flexures were manufactured using
7075-T6 aluminum because the high yield strength (75 ksi) of this alloy will prevent
plastic deformation when the flexures are loaded beyond buckling. The cylindrical
flexure was located at the shaker attachment point, and the rectangular flexures were
aligned with their thickness dimension in the direction of the shaker input so that the
lowest translation mode will be driven by the shaker. Once the rectangular flexures are
loaded past buckling they add negative stiffness to the assembly (as discussed in Section
3.3 and shown in Figure 3-10). This effect produces significant lateral forces in the joints
between the rectangular flexures and the weight support arms.
The measured peak frequency of the spectrum of the accelerometer on the
suspended mass, as recorded with an unmeasured impact (see the discussion in Section
4.1), is shown in Figure 4-3 and compared to the 1DOF and 2DOF calculations of the
peak frequency as a function of the axial load on the flexures. (The 1DOF curve is taken
from Figure 3-9). The 2DOF curve is calculated using the higher frequency ofEquation
(3.46). The 'stiffness kj is estimated (as discussed in Section 3.4), and the stiffness k2 is
the 1DOF stiffness. The frame assembly weighs 5 pounds, and the suspended mass with
accelerometer weighs 2 pounds. The suspension cords are 10 inches long (see Figure 2-
6). The first measurements were taken with an axial load spring that could not load to the
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theoretical buckling force and the second measurements were taken with a stronger spring
that could load to buckling.
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Figure 4-3: Fixture 2 Peak Frequency versus Axial Load Measurements
The data does not provide as good a fit to either the 1DOF or the 2DOF model as
the data from the first test fixture (see Figure 4-1). This may be due to
the high lateral
loads from the rectangular flexures at the weight support arms producing
slippage in the
spherical joint, which would limit the contribution of
the negative stiffness of these
flexures and the peak frequency would not decrease as
anticipated.
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Fixture 2 is assembled in a second configuration using six rectangular flexures to
study the change in the peak frequency performance as the axial load is increased. The
use of six flexures of the same moment of inertia minimizes the lateral force in the joint
between the flexures and the suspended weight because all the flexures will approach
buckling at the same axial load. The flexures will not be operated with negative stiffness.
The peak frequency of the suspended weight accelerometer is measured for a variety of
axial loads, and the results are shown in Figure 4-4. The 1DOF and 2DOF curves are
shown, and the measured frequencies are above both of the theoretical curves. The
lower-frequency pendulum mode for the 2DOF system is shown at approximately 1
Hertz. The higher-than-expected stiffness could be due to the manufacturing tolerances
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Figure 4-4: Fixture 2 Peak Frequency with Six Rectangular Flexures of 0.053 Inch
Thickness
52
on the rectangular flexures. The theoretical curves are recalculated for flexures that are
0.055 inches thick, only 0.002 inches thicker than the design; the measured peak
frequencies are plotted against these curves in Figure 4-5. The fit between the measured
data and the 2DOF curve is better, which suggests the operating frequency is very
sensitive to the exact thickness of the flexures. The premature buckling of the flexures is
due to the clamps that secure the flexure spherical surface to the weight support arms,
creating a moment in the flexure that bends the flexure and causes premature buckling. A
redesigned clamp that does not introduce a moment will allow the fixture to operate at a
lower frequency.
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figure 4-5: Fixture 2 Peak Frequency with Six Rectangular Flexures of 0.055
Inch Thickness
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4.3 Test Setup for TransmissibilityMeasurements
The test setup for measurement of transmissibility is shown in Figure 4-6. This
consists of an existing support structure from which fixture 2 is suspended with two
elastic cords. The shaker is supported on a foam pad that is arranged to align the shaker
with the attachment point on the fixture. The weights used to balance the fixture are seen
on the bridging members at
120
from the attachment point for the shaker. The input
accelerometer is directly below the shaker attachment point. The output accelerometer is
located inside the frame, on the suspended weight. The RIT OROS Model OR762
analyzer is used to process the accelerometer signals as well as generate the drive signal
for the shaker. Version 2.4 of the OROS software is being used. The power amplifier for
the shaker is a Carver Model TFM-15CB located under the bench in Figure 4-6. The






















Figure 4-6: Fixture 2 TransmissibilityMeasurement Setup at RIT
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4.4 Transmissibility Curve Fit
The transmissibility using two rectangular flexures and one cylindrical flexure
was measured using the RIT test setup, for an axial load of 45 pounds per flexure. This
data was curve fit to the 1DOF Equation (3.37) for a hysteretic damped system, which
resulted in P
= 0.009 and a peak frequency of46.47 Hertz. The fit over the entire
measurement range is shown in Figure 4-7. The curve fitting was done using the
"solver''
in Microsoft Excel. The curve fit between the data and the theoretical model was done in
an iterative manner to minimize the error, which is defined as
error =
^{M,-^)2
/ = 1:800, (4.1)
where Mj represents the measured values and 7/ the theoretical values. The curve fit
shown results in an error of 4.020 over the 800 data points. (See the Appendix for details
of this process.) Clearly, the curve fit is excellent out to r
= 7 at which point the higher
modes of the fixture begin to affect the transmissibility. The curve fit in the vicinity of
the resonance is shown in Figure 4-8. Note the greatly improved signal-to-noise ratio
from Figure 4-2.
The measured structure below a frequency ratio (r) of 0.5 is due to the pendulum
motion of the entire test setup reacting with the shaker. The pendulum mode is the lower
frequency of the 2DOF Equation (3.46), and it calculates to be approximately 1 Hertz for
this set of flexures. The detailed analysis of the interaction of this mode with the shaker
is beyond the scope of this study.
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The peak between r = 1 and 2 is due to the higher-frequency orthogonal mode of
the rectangular-cross-section flexures. (Refer to Figure 3-9, where the orthogonal lateral
mode will have a frequency of 80 Hertz for the axial load of 45 pounds.) From Figure 4-
7, the frequency ratio of this peak is approximately 1 .7, leading to the frequency being
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Figure 4-8: Fixture 2 Transmissibility Magnitude Curve Fit Detail at Resonance
4.5 Linearity of Fixture 2
The transmissibility was measured for three input forces at four values of flexure
loading to study the linearity of fixture 2. These data were curve fit and the results are
given in Table 4-1 . The input force is referenced at 100 Hertz because this was in the
region of constant force and this is useful only as a relative change in the input force.
The input forces of approximately 0.1 pound, 0.5 pound, and 2 pounds, correspond to
drive signals from the OROS analyzer of lmV, 5 mV, and 20 mV respectively. The gain
of the shaker-power amplifier was kept constant for all of these measurements.
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The curve-fit frequency decreased as the input force increased for all of the
flexure load cases. This change in frequency was a maximum of 0.55 Hertz for the
flexure load of 45 pounds. The curve-fit damping did not follow a consistent trend
although in three of the load cases the lowest drive force had the highest damping. This
was not true for the flexure load of 45 pounds,where the highest damping occurred at the
highest input force. The repeatability of the measurements was checked by measuring the
100-pound flexure load case twice at an input of 1 .81 pounds. The damping stayed
constant at 0.010, but the frequency shifted by 0.14 Hertz.
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Spectral measurements of the X and Y lateral vibration taken on the bottom port
of the OMEGA target chamber [6] are compared with the levels of vibration measured
with the frame accelerometer during the linearity tests. (This comparison is shown in
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Figure 4-9.) The range of inputs used in the linearity testing is generally greater than the
levels expected at the OMEGA target positioner, so one would expect an isolation stage










Figure 4-9: Omega Target Chamber and Fixture 2 Linearity Testing
Acceleration
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4.6 Damping versus Frequency for Fixture 2
Platus [16,17] discusses the effect of damping multiplication with the use of




where % is the loss factor without any axial load, andfs is the frequency of the system
without any axial load, and r\ and/are the comparable parameters when an axial load is
applied. Equation (4.2) is derived by Platus [16,17] by equating the energy loss per cycle
with no axial load to be equal to the energy loss per cycle with an axial load. This effect
can also be seen by considering the definition ofbeta from Equation (3.36):
>4
where h is the structural damping coefficient, which is a material property, and k is the
stiffness of the system. The stiffness is related to the natural frequency
k = m(2nf)\ (4.3)
where m is the mass of the system. The frequency of the system changes as the axial load
is increased, so the ratio of betas will be
/?, hk2 (fiy
P2 K h m{27rfx) A
(4.4)
Wi J
In the terms used by Platus,
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P = Ps ^ , (4.5)
where /?5 and/y are the parameters with no axial load. This effect could be useful in the
design of an isolator for the OMEGA target positioner because the increase in damping as
the frequency of the isolator is lowered by axial loading, would decrease the magnitude
of the transmissibility at resonance without a significant loss of attenuation at higher
frequency ratios (as discussed in Section 3.2.2).
The transmissibility is measured over a range of axial loads and curve fit to the
1DOF Equation (3.37). Table 4-2 gives the curve-fit values for the resonant frequency
and the damping constant. The no-load frequency (fs) and damping constant (J3S) are
calculated as the average of the no-load measurements. Each group of axial load values
is averaged to obtain the representative resonant frequency ifave) and damping constant






The average damping does not follow this scaling, which implies that h is not constant as
the stiffness of the system is decreased. An alternative explanation is that the
measurement ofdamping has significant variability that is larger than the effect being
studied. The one sigma variation in measured damping within each group of axial loads
is larger than the difference between the average damping and the calculated damping.
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5. Summary and Recommendations
A brief overview of the OMEGA facility and the OMEGA target positioner is
given to provide an appreciation of the operational environment for equipment in this
system. The specific requirements for a vibration isolator for the OMEGA target
positioner are developed from an example fusion target that exhibited excessive vibration
at the center of the OMEGA experimental chamber. Specifically, the isolator must
operate below 10 Hertz to provide adequate attenuation of the environmental vibration.
Fixture 1 is designed as a vibration isolation stage for the OMEGA target
positioner. This fixture demonstrates the concept of a compressed beam isolator but has
high signal-to-noise ratio for transmissibility measurements, and poor alignment of the
flexures prevents the fixture from operating at as low a frequency as required.
Fixture 2 is designed to use larger, higher-sensitivity accelerometers to improve
the signal-to-noise ratio; this has been accomplished, as shown in Figure 4-7. The
transmissibility of this fixture is measured over a range of axial loads, and damping
constant values are obtained from a curve fit of these data. The nominal value of the
damping constant (P) is 0.01 for this fixture.
Fixture 2 incorporates kinematic (not over-constrained) support between the
suspended mass and the flexures to minimize the effects of this joint on the performance
of the flexures as the axial load is increased. This fixture does not operate at as low a
frequency as is desired due, in part, to the clamp on the joint between the flexures and the
weight support arms (see Figure 2-7), introducing a moment in the flexure that makes the
flexure bend and buckle prematurely. The lowest frequency obtained is 35 Hertz.
Fixture 2 is shown to operate in a linear manner over the range of input
accelerations expected on the OMEGA target chamber, (see Figure 4-9).
The isolation performance of fixture 2 is shown in Figure 5-1 as the
transmissibility for a damping constant of 0.01. A target with a
natural frequency of 65
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Hertz is located at a frequency ratio of 1.86 when fixture 2 is operating at a resonance
frequency of 35 Hertz. The attenuation will be 0.407, which will reduce the target
vibration of 200 microns (0.008 inches) to 81.4 microns (0.0032 inches). This is not
adequate to meet the OMEGA target stability of 5 microns (0.0002 inches). An
acceptable isolator will need to operate with an attenuation of 0.025, which will require a




































0 12 3 4 5
Frequency Ratio
6 7 8
Figure 5-1: TransmissibilityMagnitude for P
= 0.01
The critical factor in achieving a lower frequency is believed to be the
method of
coupling the flexures to the
suspended mass. This interface cannot add moments or
lateral displacements to the flexures during assembly, and the interface must also support
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significant lateral forces when the flexures are operated near the buckling limit, if
flexures ofunequal moment of inertia are used. The use of spherical surfaces on the
flexures should be extended to include conical mating surfaces on the weight support
arms, rather than V grooves, as are used in the final test fixture. The conical surfaces
would support the lateral loads; however the assembly of the unit would need to allow the
support arms to shift laterally before they are secured to the suspended weight. This
would minimize any moments or lateral displacement being applied to the flexures, but
would add significant lateral stiffness to these joints and allow operation of the flexures
closer to the buckling limit, which is required for operation at a lower frequency. The
means for clamping the support arms to the flexures must also be improved to allow
higher clamping force to be applied to the joint. The current clamps are secured to the
flexures using set screws or snap rings. A threaded
collar would allow significantly
higher clamping force.
An alternative approach for an isolator would be to size the flexures to achieve the
required frequency without using an axial load to decrease the lateral stiffness of the
flexures. This is calculated for cylindrical flexures ofboth aluminum and stainless steel
for a suspended mass equal to the omega axis (0.36 pounds) and shown is in Figure 5-2.
As an example, if one were to use 0.020-inch
diameter aluminum wire for the flexures,
each flexure would have to be 2.5 inches long to achieve an isolator frequency of 10
Hertz. Stainless steel wire of the same diameter would have to be 3.5
inches long to
achieve the same frequency. Either of these examples could be designed to
fit within the
space envelope available in the OMEGA target positioner,
although the overall length of
the isolator with stainless steel flexures would require
careful design to avoid conflicts
with the available space envelope.
The recommended short-term solution for the
OMEGA target positioner is the use
of an isolator based on no-axial-load flexures as
described above and shown in Figure 5-
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2. This represents a straightforward approach that can be designed to achieve the
required performance of operation below 10 Hertz.
The compressed beam isolator concept represents a longer-term solution, which
would offer a more compact design and the added possibility of changing the lateral
stiffness of the isolator during the target-loading cycle. This could be accomplished by
having the axial load on the flexures adjusted by a small gear motor like the ones used in
the X-Y gimbal shown in Figure 1-7. The spring could be replaced with a plate that
would provide a known force on the ends of the flexures when it is tightened with the
gear motor. The joint between the flexures and the suspended mass would have to be
developed as discussed above, so that low-frequency performance could be achieved with






























6 01 0012 0.014
Stainless Steel
Aluminum
0.016 0.018 0.02 0.022 0.024
Flexure Diameter (in)
0.026 0.028 0.03 0.032 0 034
Figure 5-2: No Axial Load Isolator at 10 Hertz
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6. Appendix
6.1 Excel Curve Fit
The curve fitting used for the 1DOF transmissibility requires optimizing both the peak
frequency and the damping parameter. This requires a nonlinear curve fit, which is
supported by the Solver application supplied with Microsoft Excel Version 7. A sample
of a worksheet from Excel is given below in Figure 6-1 . Columns A and B are the
measured data. Column C is the frequency ratio, which is the values ofColumn A divided
by the assumed value of the peak frequency that is contained in cell F5. Column D is the
transmissibility converted to linear units. Column E is the calculated transmissibility
based on the 1DOF model, which is
X i + /r
(i-2)
+/?2
It uses the assumed value ofbeta contained in cell F2 as well as the frequency ratio from
Column C. Column G is the square of the difference between the measured
transmissibility (column D) and the calculated transmissibility (column E). Column G is
summed at cell G803, and the square root of this value is taken in cell G804. This
represents the error, and it is copied to cell F8. Note that for clarity rows 13 to 789 have
been hidden in the sample spreadsheet;
error = jZ(M< ~T>f '
The solver is chosen from the tools menu and lets one pick the target cell (F8) and
attempt to maximize, minimize, or drive it to a set value.
In this case the cell value is
minimized. The optimization is done by identifying the cells to change; in this case
F2
68
and F5 are identified. Initial estimates are entered in the cells, and the solver makes small
changes and calculates the derivatives. The initial estimates are then stepped in the
correct direction based on the calculated derivatives. This continues until the stated
objective is achieved. The curve-fit problems in this study solved within a few seconds.
Finally, columns D and E are plotted versus column A to show the quality of the
curve fit.
A B C D E F G







2 0 -5.15E+00 0.2003
3 1 -1.64E+00 0.02 0.83 1.00 0.0298
4 1 -3.75E+00 0.03 0.65 1.00 freq
38.2931
0.1239
5 2 -8.44E-02 0.05 0.99 1.00 0.0001
6 3 -1.27E+00 0.07 0.86 1.00 0.0198
7 3 -3.54E-01 0.08 0.96 1.01 error 0.0022
8 4 -5.44E-02 0.10 0.99 1.01 4.405 0.0003
9 4 -1.39E+00 0.11 0.85 1.01 0.0261
10 5 -2.07E+00 0.13 0.79 1.02 0.0528
11 '6 -8.94E-01
-3.00E+00
0.15 0.90 1.02 0.0144
12 6 0.16 0.71 1.03 0.1022
790 493 -3.70E+01 12.86 0.01 0.01 0.0001

















795 496 0.01 0.01 0.0001
0.0001796 496 -3.69E+01 12.96 0.01 0.01
797 497 -3.64E+01 12.98 0.02 0.01 0.0001






800 499 0.01 0.01
0.01
0.0001
801 499 -3.66E+01 13.04 0.01 0.0001
802
803
500 -3.65E+01 13.06 0.01 0.01 0.0001
SUM 19.4081
804 SQRT 4.4055
Figure 6-1: Sample Transmissibility Magnitude Curve Fit Spread Sheet
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